ABSTRACT
INTRODUCTION
The experimental results in the past (Haupt et at, 1989) proved dangerous blade vibration in the resonance zone between 4th engine-oMer and I. blade natural frequency on a centrifugal compressor with a vaned diffuser in the part load operation region. In the mechanism of this blade vibration the flow in the impeller plays a major role, which is characterized by considerable reverse flow near shroud from the impeller exit to the impeller inlet These flow characteristics are controlled by the instantaneous blade inlet angle changing with the strong blade vibration. Since the blades vibrate 4 times every rotation and with the same phase at a fixed location on the circumference, a circumferential pressure profile characterized by 4 periodic waves could be detemaned in the impeller exit and inlet. The blade vibration and circumferential flow condition form an accumulation effect. This is the cause of the intensification of the blade excitation. The measured maximum stress of the blade vibration in resonance represents a case beyond allowable stress limit. However, the dangerous blade vibration in resonance for the compressor with vaneless diffuser cannot be observed. It can be suggested that the diffuser vanes play a considerable role to intensify the effect that the flow condition in impeller passage is controlled by the periodical variation of the blade inlet angle. In this work the Influence of diffuser vane position on the dangerous blade vibration due to blade flow interactions was investigated in detail to select an optimal diffuser vane position with lower blade excitation without losing -energy transfer in the compressor. compressor via the outlet tube, which is tangential to the machine. The mass flow rate of the compressor is regulated by a throttle valve located behind the compressor. The unshrouded impeller of the test compressor used for these investigations is shown in figure 3 . The impeller has characteristically thin blade with approximately I mm thickness at the impeller inlet and 4 mm at the outlet. The impeller has an outer diameter of 400 mm and 28 radial ended blades with every second blade cut back at the inlet. Because of the working error by milling the impeller, the blade natural frequencies are not same. The diffuser configuration may be changed to operate as a vaneless diffuser with constant radial flow area or as a varied diffuser with 19 vanes (see figure 2). In these experiments the diffuser vanes were located along the flow line in 4 different radial positions (X. 1.125, 1.15, 1.2 and 1.3) with constant vane inlet angle of 17°. Here is the diameter ratio between the diameters of diffuser inlet leading edge and impeller outlet MEASURING SYSTEM -Steady static pressure measurements Circumferential nonimiformity of the flow in the compressor is an excitation son of blade, which rotates in this variable pressure field. As a result the blade is excited by different NOMENCLATURE Table 1 : first blade natural frequency  rotor speed n irpml static state 12300  13600  Rizi  u  trit1  900  blade No.  I. natural frequency  I  782  831  841  2  787  3  793  848  852  4  793  5  821  870  889  6  798  7  821  8  811  810  862  W7U  10  798  850  859  11  798  12  798  13.  823  14  821 engine-orders. The measurements of circumferential static pressure and the frequency analyses of these data are required to study the blade excitation. The frequency components represent the blade vibration intensity excited by engine-orders especially at resonance conditions. Circumferential static pressure taps were installed in a plane on the compressor shroud as shown in figure 2. The measuring plane for circumferential pressure taps was chosen immediately downstream of the impeller at x(s = 1.1 with 38 holes. One is located directly in the front of the diffuser vane leading edge and every second one is in the middle of the blade-to-blade channel as shown in figure 2. In addition, conventional pressure and temperature probes were mounted in the test rig to determine the total compressor performance as plotted in the compressor chart.
COMPRESSOR TEST FACILITY

-Blade vibration measurements
The semiconductor strain gages located in the zone of blade inlet as shown in figure 2 were used to measure blade vibration_ The fundamental calculations (Haupt et al. 1985a ) and latter tests (Haupt et at I985b) blade modes. These modes were the main modes excited when the compressor runs in the part load operating regions.
-Blade vibration signal transmission The strain gages on different blades with the locations shown in figure 2 were connected by thin wire to an 8-channel fm-telemetry transmitter mounted on the bore of the hollow shaft at the impeller inlet. This transmitter is the rotating part of the telemetry system described in detail by Haupt et al. (1985a) . The blade vibration signals transmitted by this system with trigger were recorded on a magnetic tape.
BLADE EXCITATION WITH THE VANELESS DIFFUSER
First, the blade excitation in the compressor with vaneless diffuser is studied. The frequency analyses of blade vibration measurements at the rotor speed n 13,000 rpm are shown in figure 4. At this rotor speed the 4th engine-order (864 Hz) is located in the frequency range of the first blade natural frequency. The frequency components excited by the engine-orders measured near the choke line are significant. However, the frequency analysis of the blade signal shows no obvious frequency components excited by the first, second and third engine-orders in lower mass flow range. The significant resonance vibration characterized by broad band form are excited by the reverse flow from impeller exit to inlet near the shroud. This excitation mechanism was reported by Haupt et al. (1987) . It must be noticed that all Results of circumferential static pressure measured by Bantmert et al. (1974) are used to comprehend the excitation cause. Figure 5 shows the circumferential static pressure profiles measured in the diffuser range (X = 1.23) at rotor speed of 12,300 rpm. The pressure profile measured near the choke line shows significant pressure fall at the circumferential angle of 270°. This pressure fall is caused by the higher flow velocity near the outlet tube, which is tangential to the machine, The significant static pressure difference is the cause of the blade vibration excited by the engine-orders at large mass flow rate. In the operating range with lower mass flow rate the static pressure increases. However, the pressure differences are reduced because of lower flow velocity.
DANGEROUS BLADE VIBRATION
The mechanism of dangerous blade vibration due to blade flow interactions will be simply described.
Results of blade vibration measurements for blade No. 5 (11 0 = 821 Hz) with diffuser position (X = 1.15) are plotted in compressor chart (see figure 6 ). Quite high blade vibration strains in the part load operating range and the speed zone between 13,100 and 13,600 rpm are obtained. The maximum strain value for this Ma result the change in inlet angle at blade tip is 1.09° corresponding to 1 mm blade displacement. In addition, the flow inlet angle changes because of the alternate variation of velocity triangles at blade tip due to the circumferential vibration velocity of blade. Considering the velocity triangle variation, the change in flow inlet angle during vibration is of 20 and peak-peak value is of 4° according to the measured maximum stain value of 1.5 inni/m at 13,100 rpm (Fig. 4) . Calculating the flow inlet angles at the blade tip and mid channel from measured flow rate under the assumption of steady flow, the flow inlet angle change of 4° at blade tip corresponds to that caused by the flow rate change of Ant = 1.0 kg/s. This means that the change in flow Further work will be directed toward the question concerning the compressor configurations, which determine the occurrence of the described blade flow interaction to get some experience in the prediction of this dangerous blade vibration. Since this phenomenon cannot be observed in the compressor with vaneless diffuser, it can be suggested that diffuser vanes located downstream of the impeller play a significant role to control the flow condition in the blade pawige. Vaneless diffuser length between diffuser vane and impeller was first taken to study.
INFLUENCE OF DIFFUSER POSITION
The experiments were perforated with four different radial positions with diameter ratio between diffuser vane leading edge and impeller of 1.125, 1.1$, 1.20 and 1.30 according to the vaneless diffuser length of 25, 30,40, 60 mm respectively. The inlet angle of diffuser vane keeps constant and is 17°. The aim of the experiment is to find an optimal diffuser vane position with lower blade excitation without losing energy transfer in compressor.
Concerning the possibility of more danger due to the blade excitation in resonance with different diffuser positions, the experiments were performed at the rotor speeds, at which the blade vibration is not dangerous, but the blade flow interaction obviously exists.
Frequency analyses of the blade vibration signal obtained from different blades at the compressor operating region shortly before surge for hvo rotor are shown in figure 11 . rotor speed of 12,300 rpm, significant resonance vibrations characterized by broad band form are excited by the reverse flow from impeller exit to inlet near the shroud (Haupt et al. 1987 ). According to these resonance vibration forms, the I. natural frequencies of the measured blades can be obtained. The results are shown in figure 11 and table 1. The frequency components excited by 4th engine-order (820 Hz) are quite different because of the different 1. blade natural frequencies. These frequency components are significant for the blade No. 1 and 3 since the frequency differences between L natural frequency and 4th engine-order are smaller. The smaller frequency components for the blades with No. 5,9, and 10 are due to the big differences. The frequency analyses of the blade vibration at the rotor speed of 13,100 show another sight. The blades with No. 5 and 9 are evidently excited by the 4th engine-order and their resonance vibration forms are submerged in these frequency components. From these frequency analyses of blade vibration we can conclude that not all of the blades filly attend the blade flow interaction at a fixed rotor speed because of the difference of blade natural frequency. According to the I. natural frequencies of the blades (see table 1), we can suggest that most of the blade filly attend this effect at the rotor speed range from 12,800 to 13,300 rpm and are strongly excited by the pressure profile with the characteristics of evident 4th frequency component. However, at the rotor speed of 12,300 rpm a few blades attend this effect and the blade flow interaction is not very strong. Thus, the rotor speed of 12,300 was selected to perform this experiment to avoid from the danger caused by the blade excitation. The reduced rotor speed of 10,800 rpm was also selected for this experiment. At this speed the 5th engine-order is near the I. blade natural frequency.
Results of blade vibration measurements were plotted in compressor charts for 4 diffuser radial positions (see figure 12) . The RMS values of blade vibration evidently increase toward the Iowa flow rate on the constant rotor speed line. The blade vibration strains reach maximum at the operating point directly before surge at lower rotor speeds. The maximal values seem decreased toward the longer vaneless diffuser. For example, the maximal blade vibration strains change from almost 0.21 mnilm for the diffirier position = 1.125 and 1.15 to 0.12 rnm/m for X. = 1.3 at 12,300 rpm and from 0.2 ram/m for). = 1.125 to 0.07 nun/m for = 1.3 at 10,800 rpm. In addition, efficiency lines are also plotted in the compressor chart. The maximal efficiency of the compressor for k = 1.125 attains about 80.6% in the rotor speed range between 14,000 and 16,000 rpm. The maximal efficiencies for?. = 1.15 and 1.20 are 82.1% and 81.5% respectively in the speed range near 12,300 rpm. The maximal efficiency for). = 1.30 is 80.7% in the speed range near 12,300 rpm.
To represent the influence of the vaneless diffuser length on the compressor characteristics, the compressor chart with stagnation pressure ratio and efficiency are plotted with different diffuser positions at rotor speed 12,300 rpm (see figure 13) . Lower compressor efficiency and total pressure ratio are shown at the diffuser position). = 1.12.5 and the compressor operating range from surge to chock is also narrower. Improved compressor characteristics are obtained at ?. = 1.15 and 1.2. However, the efficiency and pressure ratio at = 1.3 drops and the compressor has a broad operating range. Same results were obtained at other rotor speeds (10,800, 14,000 and 16,000 rpm). At the rotor speed of 12,300 rpm the Frequency analyses of the blade vibration were performed. The results are shown in figure 14 for the compressor with different diffuser positions at the rotor speed of 12,300 rpm. First, the frequctcy analyses of the blade vibration at = 1.15 are regarded. The frequency components forming resonance form (f1 = 841 Hz) are evident at low flow rate region. These resonance fonts with broad band characteristics are excited by the reverse flow. Small frequency components of blade vibration (fb = 820 Hz) excited by the 4th engine-order are obtained at large flow rate. This frequency component develops with the reduction of flow rate.
Static pressure measurements obtained by circumferentially positioned pressure taps were performed for the compressor with different diffuser positions at rotor speed of 12,300 rpm. The Results of the pressure measurement at impeller exit and the corresponding frequency analyses for the diffuser position at X = 1.15 are plotted in the figure 15. At high mass flow rate the alternate pressure profile is due to the specific locations of the pressure tape. One hole is in front of the diffuser vane leading edge and the adjacent hole is at the middle of the blade-to-blade channel. Especially, in the circumferential angle range "A" from 50° to 90° and "B" from 240° to 300° the pressure differences are quite large. Throttling the compressor in low flow rate of m ced = 3.07 kg's the pressure differences due to the diffuser vanes are strongly cannot show satisfactory results as shown at rotor speed 12,300 and 13,000 rpm. The blade flow interaction caused by the 5th engine-order may be not so strong as that by the 4th engine order.
The earlier experimental results reported by Osborne et al. (1975) show that the location of the diffuser vane leading edge close to the impeller is the cause to increase the penetration of the aerodynamic pressure field from the diffuser vanes to the impeller passage. The therefore disturbed flow in the impeller passage is sensible to separate when the inlet flow angle is reduced. This is possibly the main reason the blade flow interaction and the strong blade vibration excited by the engine-order occur only in the compressor with vaned diffuser and its intensity depends on the diffuser radial position.
From the results of the compressor charts and blade vibrations analyses the diffuser position X. = 1.2 can be recommended for this combination of the impeller and diffuser used in this experiment. For this diffuser position the compressor has higher efficiency and broad operating range. The blade excitations due to the blade flow interaction are also mild. The recommended diffuser vane leading edge radial ratio is larger than that of 1.125 'courted by Rodgers (1972) and of 1.05 suggested by Came and Herbert (1980) .
CONCLUSIONS
A mechanism of the blade flow interaction was determined if the 4th engine-order is near I. blade natural frequency. The blades are excited at resonance condition by the engine-order due to the circumferential pressure nonuniformity. The periodic variation of the inlet flow angle at the blade tip due to the blade vibration induces periodically changing flow condition, which intensifies the pressure nonunifonnity with 4th periodic waves. The blade vibration and circumferential flow condition form an accumulation effect. This is the cause of dangerous blade vibration.
The blade flow interactions are also observed if the 5th engineorder lies near the I. blade natural frequency.
Diffuser vanes play a major role in this effect. The blade flow interaction is reduced if the diffuser vanes are moved toward the outside.
Diffuser position). = 1.2 is recommended. With this diffuser position the compressor has higher efficiency and broad operating range and the blade excitation due to the blade flow interaction is mild.
